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Fig. 2 Total emissivity of water vapor at a total pressure of 10 bar
and a partial pressure of 10 bar.

etal.*ie., K, = 1.0, whereas the obtained values of K, are
appreciably greater than 2.

Figure 1 illustrates the total emissivities of water vapor at
a total pressure of 1 bar and 0 partial pressure. It is found
from this figure that the modified Edwards model is better
than the Edwards model, and thus, the modified Edwards
model with the optimally adjusted free parameter can be util-
ized accurately at comparatively low total and partial pres-
sures. However, as seen from Table 1, when an absorbing
gas pressure is raised, the reverse is the case even for a total
pressure of 1 bar.

Figure 2 depicts the total emissivities at a total pressure of
10 bar and a partial pressure of 10 bar. This figure shows that
the predictions by the Edwards model are more accurate than
those by the modified Edwards model. As readily understood
from Table 1, this is generally true for high total gas pressures.

Finally, it is found that Leckner’s correlation® becomes less
accurate as the partial pressure-path length is increased over
about 100 bar-cm.

Conclusions

Free parameters introduced into the two wideband spectral
models, i.e., Edwards model and modified Edwards model,
for water vapor at various total and partial gas pressures are
adjusted so as to obtain better agreement between the total
emissivity computed directly from its definition and that eval-
uated using the exponential wideband model. It is found that
the optimum values of the free parameters are different from
their originally given values and that, when the free param-
eters optimally determined for given total and partial pres-
sures are utilized, the Edwards model yields more accurate
results in comparison with the modified Edwards model, ex-
cept for low total and partial pressures. The proposed wide-
band spectral models for the absorption coefficient are ex-
pected to be utilized in solving various radiative transfer prob-

lems in nonisothermal and nonhomogeneous media bounded
by nonblack walls.
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Finite Element Analysis of the Heat
Transfer in Concentric-Tube
Heat Exchangers
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Introduction

LTHOUGH the finite element method has been exten-

sively used for solving structural problems as well as
some heat transfer and fluid flow problems, it had never been
applied to a heat-exchanger system until Mikhailov and Ozisik!
reported their analysis using this method. Nevertheless, in-
stead of solving energy equations for fluid flows, they assumed
the overall heat transfer coefficient was given, and was a
constant such that they could obtain the relationship between
element heat transfer rates and nodal temperatures. Hence,
their basic principle was the same as those of the classical log-
mean-temperature-difference (LMTD) and the number of
transfer units (NTU) methods, which only solve the ther-
modynamic part of the problem. Furthermore, these classical
methods assume that the heat transfer is only in the radial
direction for the purpose of evaluating the overall heat trans-
fer coefficient; however, the heat transfer is also inconsistently
assumed to be in the radial direction only in these methods
when it comes to estimate the actual temperature variation.
In the light of these shortcomings, the objective of this Note
is to apply fundamental principles in physics to heat exchang-
ers by solving the problem of momentum and energy coupling
in fluids, as well as the problem of heat conduction in solid
bodies simultaneously. Both the parallel-flow configuration
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and the counterflow configuration are analyzed by using the
Galerkin formulation of the finite element method.

Analysis

The heat-transport behavior of a concentric-tube heat ex-
changer is modeled as a steady-state axis-symmetric conjugate
heat-transfer problem. Flows in the exchanger are assumed
to be fully developed incompressible laminar flows, such that
the exact solutions of Navier-Stokes equations for the flow in
a tube (Hagen-Poiseuille flow) and the flow in a concentric
annulus, as compiled by White,? can be utilized to obtain
velocity profiles. Hence, governing equations of a concentric-
tube heat exchanger can be expressed as
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Here, T, and T; are the maximum or minimum absolute inlet
temperatures of the tube flow and the shell flow, respectively.
Temperature at any location (r, ¢, z) in the cylindrical co-
ordinate system is denoted as 7, and the length of the heat
exchanger is specified as L. The z axis is the centerline of the
tube and the origin is located at the center of the tube inlet
section. The inside and the outside radii of the tube are de-
noted as R, and R,, respectively, and those radii of the shell
are designated as R, and R,, respectively. Densities, specific
heats, thermal conductivities, and viscosities of the tube fluid
and the shell fluid are designated as p,, ps, 1, 3, ki, ks, oy,
and p;, respectively. Volume flow rates of the tube flow and
the shell flow are also specified as Q, and Q;, respectively.
For a counterflow heat exchanger, the z axis is in the opposite

Rey = Rei(1 ~ y,) [1 + y3 +

direction of the shell flow and, hence, the value of C, should
be negative; whereas, the direction of the shell flow of a
parallel-flow exchanger is the same as that of the z axis, there-
fore, the value of C, should be positive.

It is assumed that the outer wall of the shell is insulated,
and the temperature profiles of both the tube flow and the
shell flow are specified at inlets. Hence, boundary conditions
can be specified as

Aty = Oandy = y,;

a0

5:0 (4)
Atx = 0andx = 1:
2—6’:0 for y,=y=y, and l=y=y, (5)
X
Atx = O

0=0,(y) for 0=y=y 6)

At the inlet of the shell flow (x = 0 for parallel flow or x =
1 for counterflow):

0= 6(y) for y=y=1 (7)

Here, 6, and 0; are the specified inlet temperature profiles of
the tube flow and the shell flow, respectively. The following
heat balance and compatibility conditions at the interface be-
tween fluid flows and wall surfaces should also be satisfied:
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Respectively, k, and k, are the thermal conductivities for the
tube wall and the shell wall. The flow domain at y = y, is
indicated by y,- and the wall surface at y = y, is represented
by yt. Similar distinctions at y = y, and y = 1 are denoted
by y5,y5, 17, and 1*, respectively.

The computational domain of the governing equations, 0
=x=1and 0 =y = y,, are divided into four types of
rectangular elements: 1) tube-flow elements, 2) tube-body
elements, 3) shell-flow elements, and 4) shell-body elements.
The Galerkin method, which employs shape functions as
weighting functions, is adopted in this analysis.

The total rates of heat-energy absorption received by the
tube flow, Q,, and by the shell flow, Q,, can be approxi-
mately estimated as

Ql = mlcpl(Tm - Tti) and Qs = mcp 7( 50 Tsi) (11)

where 1, and mi, are the mass flow rates of the tube flow and
of the shell flow, respectively. The average inlet and outlet
temperatures of the tube fluid and the shell flow are denoted
as Ty, T,,, T, and T, respectively. Because numerical results
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obtained by using the finite element technique are only ap-
proximate solutions of the governing equations, and because
the two expressions in Eq. (11) are also approximations, ab-
solute values of (), and Q, could be different from each other.
Consequently, values of the heat-exchanger effectiveness &,
and g, calculated by using theses two different heat transfer
rates, could also be unequal.

Experimental and Theoretical Results

Numerical results calculated by using the present analysis
are compared to experimental measurements and those ob-
tained by using the LMTD method. The experimental ap-
paratus is a concentric-tube heat exchanger with an inner tube
and an outer tube as shown in Fig. 1. Both the inner and the
outer tubes were made of copper, and a 15.9-mm-thick sponge
rubber was placed around the outer tube for insulation. The
i.d. and the o.d. diameters of the inner tube are 4.76 and 6.35
mm, respectively; whereas those of the outer tube are 10.16
and 12.70 mm, respectively. The axial length of the exchanger
is 0.871 m. Saturated water was selected to be the fluid for
both the tube flow and the shell flow. Two rotameters were
used to measure their inlet volumetric flow rates. Fluid tem-
peratures at inlets and outlets were sensed by four thermo-
couples in the inlet and the outlet fittings. Since it is impossible
to mount two axial fittings at the same location on each side
of the exchanger, four tube fittings with two at each end were
mounted perpendicular to both tubes to be used as flow en-
trances and exits. Consequently, fluid flows near both ends
of the exchanger are far from being one dimensional and fully
developed. In fact, an annular flow with its velocity distri-
bution at either the entrance or the exit being one dimensional
is actually unattainable in a laboratory environment.

Results calculated by using the present finite-element anal-
ysis (FEM) and by using the classical LMTD method are
compared to experimental measurements (EXPR). Both the-
oretical methods assume that flows in the heat exchanger are
fully developed one-dimensional steady laminar flows with

constant properties. Thus, Nusselt number of the tube flow
is assumed to be 4.364, and that of the shell flow is calculated
by interpolating tabulated values reported by Kays? for fully
developed annular flows. Flow properties are estimated at a
mean temperature calculated by averaging the measured inlet
and outlet temperatures in both theoretical techniques.

Temperature profiles at the inlets of the fluid flows are
assumed to be uniform in the finite element analysis. For both
the counterflow and the parallel-flow configurations, the finite
element mesh of the computational domain consists of 2400
rectangular elements and 2501 nodes. In the y direction, both
the tube-flow domain and the shell-flow domain are divided
into 25 elements; whereas the tube-body domain and the shell-
body domain are segmented into 5 elements. In the x direc-
tion, the entire computational domain is divided into 40 var-
iable-size elements. The element lengths in this direction
increase symmetrically from 0.01 at both ends to 0.05 at the
center of the exchanger. Since temperatures at the inlet nodes
of both the tube flow and the shell flow are given, the total
number of nodes with unknown temperature in the compu-
tational domain becomes 2449 for both configurations. There-
fore, 2449 linear algebraic equations are formed and solved
simultaneously in the present analysis.

Table 1 shows the comparison of outlet temperatures as
well as values of the heat transfer effectiveness of the parallel-
flow (type I) and the counterflow (type II) heat exchangers
used for experimental measurements. Results summarized in
Table 1 indicate that heat transfer effectiveness estimated
from experimental measurements are always higher than those
calculated by using both theoretical techniques. However,
those obtained by using the FEM are also consistently in
better agreement with experimental measurements than those
estimated by using the LMTD method. Since the theoretical
models assume fully developed one-dimensional flows, but
actual flows at the entrances and at the exits are normal to
the longitudinal axis of the heat exchanger, it is reasonable
to observe higher measured values of heat transfer rate than

Table 1 Comparison of outlet average temperatures and values of the heat transfer effectiveness of the parallel-flow (type I), as well as the
counterflow (type II) heat exchangers used for experimental measurements

T, °F T, °F & £,
Type Re;, Re; T,,°F T, °F EXPR FEM LMTD EXPR FEM LMTD EXPR FEM LMTD EXPR FEM LMTD

I 1728 571 102.7 65.8 91.0 934 94.8 72.3 72.2 70.7 0317 0.253 0.215 0.286 0.283 0.215
I 1730 406 101.8 67.9 92.1 937 94.8 76.5 75.9 743  0.286 0.238 0207 0.281 0.262 0.207
I 1313 470 698 102.1 772 771 76.3 91.0 93.3 953 0241 0.237 0212 0344 0271 0212
I 1365 978 699 112.8 83.0 80.6 79.1 1042 1056 1075 0305 0.249 0214 0349 0292 0.214
1I 1213 620 70.1 107.0 82.8  80.7 78.7 95.0 979 100.6 0344 0286 0.233 0.436 0332 0.233
II 1567 1015 69.8 113.7 88.0 81.1 78.5 102.0 1056 1084 0.415 0.258 0.198 0.436 0.304 0.198
I 1956 595 105.8 66.2 95.0 95.4 97.8 75.0 74.0 715 0273 0.262 0.202  0.338 0.300 0.202
II 1688 398 103.0 67.9 925 934 95.4 78.2 77.5 748 0299 0272 0217 0326 0302 0217
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Fig. 1 Schematic of the experimental apparatus.
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Table 2 Influence of the conduction and the viscous dissipation upon the finite element results for the
parallel-flow (type I) and the counterflow (type II) heat exchangers

Type Re, Re, T, °F T, °F Terms neglected T,(,, °F T, °F £, £,
None 93.4 722 0253 0283
Solid conduction 93.2 71.8 0256 0264

I 1728 511 1027 658 Fluid conduction 934 722 0253 0283
Dissipation 93.4 72.3 0.251 0.285
None 80.7 97.9 028 0332
Solid conduction 80.8 98.5 0.290 0.310

I 1213 620 701 107.0 pid conduction 807 97.9 0287 033
Dissipation 80.7 97.7 0.287 0.331

those calculated by using an idealistic model. Therefore, mod-
erate disagreements observed between the finite element pre-
dictions and the experimental measurements are considered
reasonable. The finite element technique, in general, can pre-
dict more realistic results than the LMTD method does.
Table 2 shows the effects of the viscous dissipation as well
as the axial conduction upon the calculated values of the
effectiveness and outlet temperatures using the present finite-
element method. It is obvious that the effect of the axial
conduction of the fluid media is very insignificant; however,
neglecting the solid-body conduction terms can yield signifi-
cantly different values of the heat transfer effectiveness and
outlet temperatures. Although viscous-dissipation terms can
be considered, their influences are actually almost negligible.

Conclusions
Although there are moderate disagreements between the
experimental measurements and the finite element results,
they are primarily due to experimental uncertainties, as well
as due to the change of flow directions at the entrances and
at the exits in the experimental setup. The technique, in gen-

eral, can predict more realistic results than the classical LMTD
method does. In addition, the temperature distribution in the
heat exchanger can also be easily determined by using the
finite element analysis. However, the method is still far from
becoming a practical design tool because it can only be used
to solve simple and idealistic cases up to this date.

Although the viscous-dissipation and the axial-conduction
terms of the fluid flows in the heat exchanger are included in
the present analysis, numerical results obtained have con-
firmed the validity of the generally accepted notion that their
effects upon the final results are negligibly small.
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